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MAGNETIC BEARING CENTRIFUGAL
REFRIGERATION COMPRESSOR AND
REFRIGERANT HAVING MINIMUM
SPECIFIC ENTHALPY RISE

BACKGROUND AND SUMMARY OF THE
INVENTION

The present invention relates generally to an apparatus for
vapor compression refrigeration systems, and more
particularly, to an apparatus for water chiller refrigeration
systems, a high-speed centrifugal compressor for such sys-
tems and a refrigerant for use in such systems. That is, the
present invention is directed to an improved direct drive
centrifugal refrigeration compressor which uses magnetic
bearings to support the rotor structure and to an improved
refrigerant suited to such a compressor.

A conventional centrifugal water chiller, shown schemati-
cally in FIG. 1, typically consists of the following compo-
nents: an evaporator 101 (a heat exchanger which boils
liquid refrigerant at a low pressure to cool circulating water),
a compressor to raise the pressure of the resulting vapor, a
water cooled condenser 102 (a heat exchanger which liqui-
fies the compressed vapor at a high pressure rejecting the
heat to a second circulating water loop), and an expansion
device 103 which lowers the pressure of the liquid refrig-
erant allowing it to evaporate at a lower temperature.

The refrigerant pressure within the evaporator 101 and the
condenser 102 are determined by the thermophysical prop-
erties of the particular refrigerant as well as the temperatures
at which the boiling and condensation processes within the
heat exchangers are designed to occur. For typical water
chiller applications with water cooled condensers, the liquid
refrigerant temperature within the evaporator is approxi-
mately 40° F. and the liquid refrigerant temperature within
the condenser is approximately 95° F.

In a water chiller system, the compressor acts as a vapor
pump, raising the pressure of the refrigerant from the
evaporating pressure (the saturation pressure corresponding
to the liquid refrigerant temperature) to the condensing
pressure (the saturation pressure corresponding to the liquid
refrigerant temperature). Existing compressors perform this
process, specifically rotary, screw, scroll, reciprocating, and
centrifugal compressors. Each compressor has advantages
for various purposes in different cooling capacity ranges. For
cooling capacities exceeding 140 tons, centrifugal compres-
sors have been shown to yield the highest isentropic effi-
ciency and therefore the highest overall thermal efficiency
for the chiller refrigeration cycle. In general terms, a cen-
trifugal refrigeration compressor consists of the following
components: inlet guide vanes, one or more impellers within
a housing surrounded by one or more diffusers with collec-
tors driven by some mechanical shaft apparatus such as an
engine or electric motor.

After passing over the inlet guide vanes, refrigerant vapor
enters the impeller through the inlet in the compressor
housing. When the impeller rotates, the refrigerant vapor is
drawn axially into the passages formed on three sides by the
rotating impeller hub and blades and on the fourth side by
the stationary housing. The clearance between the rotating
impeller and the stationary housing is made as small as
practicable to minimize the leakage of vapor out of the
passage. The rotation of the impeller imparts kinetic energy
to the vapor which increases both the velocity and the static
pressure of the refrigerant. The vapor is discharged from the
impeller with significant velocity into the diffuser which lies
in a radial plane perpendicular to the axis of rotation.
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The vapor velocity contains both a radial component
associated with the mass flow through the compressor and a
tangential component imparted by the rotation of the impel-
ler. The diffuser vanes direct the flow in aerodynamically-
configured channels for highly efficient diffusion in limited
space. The vapor decelerates due to the expansion of the
flow area that naturally accompanies the increase in radius
of the constant thickness diffuser passage. The deceleration
of the flow results in the conversion of the kinetic energy of
the vapor into additional static pressure rise. The vapor is
discharged from the diffuser with a much lower velocity into
the collector. The collector channels the fluid from the
diffuser to the compressor outlet. Further deceleration of the
flow due to the gradual expansion of the collector area
results in additional static pressure rise. The fluid is dis-
charged from the compressor through the outlet in the
compressor housing.

In a centrifugal compressor, flow rate and pressure rise
cannot be independently controlled. At a constant compres-
sor speed, variable position inlet guide vanes allow modu-
lation of the flow rate through the compressor. As the inlet
vane angle increases, the flow rate through the compressor
decreases, and the required torque and power input also
decrease. The decrease in refrigerant vapor flow rate causes
a decrease in the cooling capacity of the evaporator. In this
way, the cooling capacity in a system such as a water chiller
can be modulated to match the cooling load.

It has been widely recognized that the specific speed (a
non-dimensional ratio of the flow rate to pressure rise
behavior for centrifugal compressors) can be correlated to
compressor isentropic efficiency and indirectly therefore to
overall cooling system efficiency. High isentropic compres-
sion efficiencies have been demonstrated for compressors
with specific speeds in the range from 0.8 to 1.2. The
pressure ratio across a centrifugal compressor is a function
of the tip speed, the product of the rotating speed and the
compressor exit diameter. The flow rate through the com-
pressor is largely a function of the inlet diameter and rotating
speed. The specific speed represents, in part, a non-
dimensional ratio of the inlet diameter to the outlet diameter,
a factor in the compressor geometry.

The tip speed for a single stage centrifugal compressor is
determined by the pressure ratio required to raise a particular
refrigerant from the pressure corresponding to the evapo-
rating refrigerant temperature to the pressure corresponding
to the condensing refrigerant temperature. For conventional
refrigerants operating at moderate shaft speeds (10,000 to
15,000 rpm) large diameter impellers are required to gen-
erate adequate tip speed. The large diameter impellers have
large inlet areas and consequently high refrigerant flow rates
and large minimum design evaporator cooling capacities.
Minimum design cooling capacity is defined as the mini-
mum cooling capacity at full load that corresponds to the
smallest specific speed possible for a single stage unit at
specified rotating speed and refrigerant temperature lift.

It has also been recognized that centrifugal compressors
with smaller minimum capacities require higher rotating
speeds. The higher rotating speed yields the desired pressure
ratio for refrigeration in a small impeller with a small inlet
diameter with a small flow rate and low minimum design
cooling capacity. The advantage of extending the lower
achievable minimum design cooling capacity is an advan-
tage that centrifugal compressors have over other compres-
sion technologies. Shaft speeds in current centrifugal chill-
ers have been limited to around 15,000 rpm for mechanical
causes. Higher shaft speeds require tighter design and
assembly tolerances, better shaft balancing, more reliable
lubrication, etc. This results in much higher costs.
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A typical known centrifugal compressor of the type
shown schematically in FIG. 1 also contains a rotor with one
or more impellers surrounded by a casing, bearings to
support the rotating structure, and a prime mover such as an
engine, turbine, or electric motor. Compressors can also
contain speed increasing gear trains to convert low speed
driver motion to high-speed impeller motion, oil pumps, oil
filters, oil separators, heaters for lubricant flow, and moving
seals to contain the refrigerant vapor within the casing.

The basic illustrated elements include the high speed
impeller 104 mounted on a high speed shaft 105 which is
supported by two or more bearings 106 of the journal type
which ride on a lubricant film or of the rolling element type.
The thrust load generated by unbalanced gas pressure on the
impeller is absorbed by a thrust bearing 107 of the Kings-
bury or tilting pad type which requires lubrication, or of the
rolling element type. The high speed shaft is driven through
a gear train consisting of a high speed 108 and low speed
gears 109. The low speed shaft is supported on bearings and
driven by a prime mover such as an electric motor 110 in this
example. As a result of the use of either fluid film or rolling
element bearings, an additional lubricant pump 111, lubri-
cant filter 112 and lubricant cooler 113 are required. In
machines with journal-type bearings, the pumps pressurize
the lubricant before injection into the journal. In the case of
rolling element bearings, the lubricant may be sprayed into
the bearings in a mist.

The use of lubricant within a refrigeration compressor has
several disadvantages. While providing necessary lubrica-
tion to bearings, the lubricant “contaminates” the tube wall
of evaporators and condensers, thereby lowering the heat
transfer coefficient, a critical thermal characteristic. To com-
pensate for the lower heat transfer coefficient, either a large
heat exchanger is required or large temperature differences
for heat transfer need to be given. Increased temperature
differences set a higher required temperature lift for a
compressor, requiring the compressor to do more work to
handle the consequences of lubrication.

The centrifugal compressor control system must also
assure that the centrifugal compressor is not operated in a
surge condition. Typical centrifugal compressors have a
surge line that varies from machine to machine (due to
minute manufacturing differences) and also varies over time
due to various reasons such as machine wear or lubricant
degradation of the refrigerant thermophysical properties.
U.S. Pat. No. 4,608,833 to Kountz includes a learning mode
which develops a dynamic surge line to account for the
variation of the surge characteristics over time and between
machines. Likewise U.S. Pat. No. 5,553,997 to Goshaw et.
al. discusses a control system that dynamically determines
the surge line of the centrifugal compressor.

Because of the disadvantages associated with the inability
to generate efficient low flow rate centrifugal compressors
due to low shaft speeds and for the disadvantages associated
with the use of oil lubrication for centrifugal refrigeration
compressors, we have recognized that there is a need for a
lubricant free centrifugal compressor.

For definitional purposes, “magnetic bearings” are elec-
tromagnetic devices used for suspending a rotating body in
a magnetic field without mechanical contact. The bearings
can be further classified as active, i.e., requiring some type
of control system to ensure stable levitation of the rotating
body.

It is an object of the present invention to provide an
apparatus which achieves efficient centrifugal refrigeration
compression for typical operating conditions of water chiller
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systems and the like with a cooling capacity lower than
previously obtainable. For definitional purposes, low cool-
ing capacity centrifugal compression refrigeration systems
refer to those systems with cooling capacities between 20
and 140 tons.

It is another object of the present invention to provide an
improved centrifugal refrigeration compressor method and
apparatus for water chiller applications.

Another object of the present invention is to provide
improved minimum design cooling capacity in a refrigera-
tion centrifugal compressor while maintaining high efficien-
cies over a broad stable operating range.

Another object of the present invention is to provide
centrifugal compression which requires no lubrication of
components, thereby reducing pumping, filtration,
separation, heating, and plumbing hardware of prior art
centrifugal refrigeration compressors. A resulting advantage
is that removing lubricants from the compressor also reduces
acids generated by chemical breakdown of the oil.

Another object of the present invention is to provide a
refrigerant selection that allows compression from typical
water chiller evaporator to condenser conditions in a single
stage for low cooling capacity applications.

Still another object of the present invention is to provide
bearings with diagnostic output of vibration, bearing forces,
imbalance, etc.

Yet another object of the present invention is to provide an
arrangement of components allowing the compressor to be
directly driven by a high speed induction motor.

It is yet another object of the present invention to provide
a control system which controls the operation of the
bearings, inlet guide vane position, and motor speed to
maximize compressor efficiency.

It is yet another object of the present invention to provide
a centrifugal compressor whose surge points do not vary
over time, thereby allowing the use of a pre-defined static
surge line for the compressor.

It is yet another object of the present invention to provide
an improved capacity control system of a centrifugal com-
pressor wherein the operating point of the compressor is
placed on an established operating map. That is, the map is
developed during the design of the centrifugal compressor
and accounts for the refrigerant thermophysical properties,
temperature lift, impeller and diffuser design, and operating
speed, among other things. This operating map is not
changed/modified during normal operation of the compres-
sor. Yet another advantage of the present invention is that a
dynamic operating map is not necessary, thereby reducing
control system complexity, and cost while increasing control
system reliability.

The centrifugal compressor of the present invention func-
tions to compress refrigerant vapor from the evaporating
pressure to the condensing pressure in a centrifugal water
chiller and is specifically embodied in a single stage direct
drive centrifugal type compressor whose rotor structure is
supported by active magnetic bearings. As distinct from
other centrifugal refrigeration compressors, the compressor
of the present invention has been configured such that the
pressure rise developed across the compressor for standard
water chiller operating conditions yields a flow rate through
the compressor which results in a minimum design cooling
capacity smaller than other centrifugal refrigeration com-
pressors known in the prior art.

In addition, as distinct from other known centrifugal
refrigeration compressors, the compressor of the present
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invention uses magnetic bearings as the primary support for
the rotor structure which yields substantial operational
advantages. Moreover, as distinct from other known cen-
trifugal refrigeration compressors, the compressor of the
present invention is directly driven by a high speed induc-
tion motor.

More particularly, the centrifugal compressor of the
present invention includes a compressor housing consisting
of an impeller housing and a diffuser housing which when
bolted together enclose a single impeller. The centrifugal
compressor has an inlet guide vane system to control the
flow of refrigerant into the impeller housing for the purposes
of modulating the cooling capacity of the water chiller to
which it is attached. The impeller is mounted in a cantilever
manner on the compressor rotor. An induction motor for
rotating the impeller is mounted on the same shaft. On either
side of the motor element, radial magnetic bearings of the
type well known to those skilled in the art support the
compressor rotor. An axial bearing can also be provided
outside of each radial bearing. A digital magnetic bearing
controller controls the operation of the bearings to maintain
the compressor rotor in a stable position whether it is
rotating or stationary. The induction motor speed is con-
trolled by an inverter drive which converts the fixed 60 Hz
frequency of typical electrical line power to a different
frequency depending on the desired motor speed.

A currently preferred embodiment of the present inven-
tion in the form of a magnetic bearing centrifugal
compressor, does not exhibit a surge line which changes or
degrades over time or between like machines. Because the
surge characteristic does not vary, a single surge line can be
used instead of continuously calculating a “moving” surge
line as the machine operates as has been done in the past.
The line of the present invention does not change because
the system has no lubricant which degrades over time or
causes the degradation of the refrigerant’s thermophysical
properties. The position of the impeller relative to the
stationary diffuser is maintained at a prescribed location by
the magnetic bearing controller, so there is no bearing wear
leading to changes in the relative position of these compo-
nents. Variations in the dynamics of the rotating components
over time, are automatically compensated for by electroni-
cally re-tuning the bearing during periodic maintenance
checks.

The centrifugal compressor of the present invention
achieves lower minimum design cooling capacities than
prior centrifugal compressors have been capable of achiev-
ing in a single impeller stage by increasing shaft speed.
Furthermore, the present invention allows for the removal of
oil lubrication and its associated pumping, filtration,
plumbing, separation and heating hardware found on con-
ventional chillers by using magnetic bearings which have no
wear and require no lubrication.

The centrifugal compressor of the current invention
reduces mechanical complexity, the number of moving
parts, and total compressor volume by using a high speed
direct drive AC induction motor powered by a high fre-
quency inverter drive. Of course, it will be understood that,
in light of the teachings of the present invention, one skilled
in this art will now be able to make changes and modifica-
tions without departing from the principles of the present
invention.

Yet another aspect of the present invention involves the
selection of the refrigerant used in the vapor compression
refrigerant system. We have found that the consideration of
minimum enthalpy rise across the compressor results in the
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selection of refrigerants having superior characteristics, par-
ticularly in the selection of HFC-227ea and HFC-227ca for
use in water chiller systems employing a high-speed cen-
trifugal compressor.

BRIEF DESCRIPTION OF THE DRAWINGS

Other objects, advantages and novel features of the
present invention will become apparent from the following
detailed description of the invention when considered in
conjunction with the accompanying drawings wherein:

FIG. 1 is a schematic view of a vapor compression
refrigeration system (e.g. water chiller) incorporating a
conventional centrifugal refrigeration compressor;

FIG. 2 is a graph showing the minimum design cooling
capacity for common refrigerants at typical water chiller
evaporating and condensing conditions comparing refriger-
ant performance in a standard model;

FIG. 3 is a partial cross sectional view of one currently
contemplated embodiment of a centrifugal compressor
according to the present invention;

FIG. 3a is a cross-sectional elevation view of the inlet
guide vane section of the centrifugal compressor shown in
FIG. 3 but showing the features of the inlet guide vane
assembly and the vane actuation assembly on a larger scale;

FIG. 3b is a cross-sectional elevation view of the com-
pressor section of the present invention showing the features
of the impeller, impeller housing, and diffuser housing in
greater detail;

FIG. 3¢ is a view of the impeller and diffuser plate of the
compressor section as viewed in the direction of arrow A in
FIG. 3b;

FIG. 3d is a partial cross-sectional elevation view of the
drive end radial bearing assembly of the centrifugal com-
pressor shown in FIG. 3 but showing the interior compo-
nents on a larger scale;

FIG. 3¢ is an end view of the drive end radial bearing
assembly looking in the direction of arrow B in FIG. 3d;

FIG. 3f is a partial cross-sectional view of the motor
housing showing the motor stator and rotor;

FIG. 3g is a partial cross-sectional view of the motor
housing and non-drive end radial bearing assembly of the
centrifugal compressor of FIG. 3 but showing the interior
components on a larger scale; and

FIG. 4 is a schematic diagram showing the control system
components of the compressor shown in FIG. 3.

DETAILED DESCRIPTION OF THE DRAWINGS

A schematic view of a conventional water chiller system,
consisting of an evaporator, compressor, condenser, and
expansion device has already been discussed with reference
to FIG. 1. A critical component of the chiller system is the
centrifugal refrigeration compressor which increases the
pressure of the refrigerant vapor from the saturation pressure
of the refrigerant in the evaporator to the saturation pressure
of the refrigerant in the condenser.

The efficiency of the water chiller system is typically
specified as ratio of the electrical power input to the cooling
capacity within the evaporator. The cooling capacity of the
evaporator is a function of the flow rate of refrigerant
through the evaporator and the latent heat of vaporization of
the refrigerant. The power input to the compressor is a
function of the pressure ratio across the compressor (the
ratio of refrigerant condensing pressure to evaporating
pressure) , the flow rate of refrigerant through the
compressor, and a series of geometric and operational design
parameters.
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For centrifugal compressors, tip speed, which is the
product of impeller diameter and rotating speed, is the
primary factor which determines pressure ratio across the
compressor. Centrifugal compressors which have refriger-
ants with high head rises must have correspondingly large
tip speeds. Large tip speeds require either large diameter
impellers operating at moderate speeds or small diameter
impellers operating at large speeds or some intermediate
combination of diameter and speed.

For centrifugal compressors, however, impeller inlet
diameter is the primary factor which determines flow rate
through the compressor. It is already known that there are
optimum ratios of impeller inlet diameter to outlet diameter,
and indirectly flow rate to pressure ratio, that yield efficient
isentropic compression. With pressure ratio specified by the
selection of refrigerant and evaporating and condensing
temperatures, by optimum efficiency determined by the ratio
of inlet diameter to outlet diameter, and by mechanical
factors favoring larger diameter impellers operating at
slower speeds, centrifugal compressors have been limited to
large refrigerant flow rate applications. As a result, certain
minimum design cooling capacities have not been attainable
with commonly used refrigerants.

Several zero-ozone depletion potential HFC refrigerants,
including HFC-134a, HFC-227ca, HFC-227ea, HFC-236¢a,
HFC-236¢b, HFC-236fa, HFC-245¢cb, and HFC-254cb,
have been proposed for use in centrifugal chiller applica-
tions. Table 1 below summarizes important thermal proper-
ties of common refrigerant for water chillers and the like,
and compares the minimum design cooling capacities for the
refrigerants mentioned above for common water chiller
operating conditions and a specified specific speed repre-
senting a typical centrifugal compressor configuration
known in the prior art for high isentropic efficiency.
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the table. By using magnetic bearings instead of conven-
tional bearings, we have discovered that it is now practical
to raise the compressor speed significantly above that cur-
rently achievable in centrifugal refrigeration compressors.
As a result, HFC-236ea and HFC-227ea exhibit nearly
identical curves, with HFC-236ea being slightly lower.

HFC-227¢a has a low enthalpy rise from typical evapo-
rator to condenser conditions relative to other refrigerants.
As can be seen in Table 1, the refrigerants with the lowest
isentropic enthalpy rise, h; , namely HFC-227ea and HFC-
227ca, also exhibit the lowest pressure ratio. This charac-
teristic holds for a wide range of operating conditions. Low
enthalpy rise refrigerants yield advantages in centrifugal
compressor design which include a reduced impeller tip
speed and a smaller impeller diameter. It has been demon-
strated that low enthalpy rise refrigerants may also yield
improvements in compressor efficiency by reducing flow
losses due to lower vapor velocities in the impeller and
diffuser, a reduced degree of diffusion in the impeller, and
lower frictional losses. Low flow velocity can effectively
avoid high turbulent and flow separation losses occurring in
a compression process that reduce its efficiency.

To analyze the comparative performance of refrigerants, a
model of the water chiller cycle was developed that assumed
a constant compressor efficiency (the most common tech-
nique for trade studies of refrigerant performance), a con-
stant rotating speed, and a constant loading coefficient. As
shown in Table 1, HFC-236ea has a COP slightly larger than
HFC-227ea when the compressor efficiency is assumed
constant. However, as mentioned earlier, higher compressor
efficiencies are available with HFC-227ea due to aerody-
namic factors and the lower overall required enthalpy rise.

Although a normal thermal cycle analysis would focus on
the selection of a refrigerant with a high coefficient of
performance, we have found that other factors make a

TABLE 1
Evap Press  Press Ratio Unit Cooling Isen Enth Rise ~COP,m =75 Min Cool Ca

Refrigerant p. (kPa) Pc/pe” Ah, (I/kg) by, (/kg) AT, =5°C. Q' pp”
CFC-11 472 3.40 158.4 20.73 5.897

CFC-114 103.6 3.06 100.8 14.51 5.476 1.00
CFC-123 40.9 3.59 142.0 19.59 5.642

HFC-134a 344.2 2.79 146.2 20.74 5.576 5.17
HFC-227ca 223.7 2.78 79.3 12.25 5.223 1.37
HFC-227ea 243.4 2.78 78.6 12.19 5.204 1.47
HFC-236¢cb 127.0 3.07 111.4 16.15 5.447 1.43
RFC-236ea 92.5 3.38 124.9 17.98 5.475 1.35
RFC-236fa 125.6 3.09 112.5 16.31 5.451 1.45
RFC-245cb 243.5 2.79 105.0 15.83 5.308

HFC-254cb 123.6 3.01 148.3 21.15 5.517

*For a cycle of temperature lift from 4.44° C. to 37.8° C. (40° F. to 100° C))

The compressor efficiency is assumed to be 0.75 for all refrigerants.

As Table 1 shows, the minimum cooling capacity for the 236
and 227 class refrigerants is much smaller than for other
HFC class refrigerants. For typical water chiller operating
conditions, the 236 class of refrigerants yields an evaporat-
ing pressure that is below atmospheric pressure, necessitates
the use of a purge system for noncondensable gases which
leak into the system, and requires a high impeller tip speed
or a large impeller diameter. Consequently, the 236 and 227
class has been considered unacceptable in the past for use in
typical water chiller operating conditions.

As has been already mentioned, the provision of efficient
low cooling capacity centrifugal compressors requires the
compressor rotating speed to be increased. FIG. 2 displays
the reduction in the minimum cooling capacity which results
from increased compressor speed for several refrigerants in

55

60

65

difference in the selection of the optimum refrigerant for a
centrifugal chiller application. The difference in compressor
efficiency needed to yield identical COP’s for the refriger-
ants (HFC-236ea and HFC-227ea) is less than 4%. Consid-
ering the 48%. difference in the enthalpy rise between
HFC-227¢a and HFC-236¢a, and the more than 20% differ-
ence in impeller diameter, the frictional losses, accounted for
aerodynamically, for HFC-227¢a are significantly less than
those HFC-236ea yielding a greater than 4% difference in
compressor efficiency. This is due to the impeller’s friction
loss being proportional to the cubic power of the impeller
diameter, which is smaller for HFC-227¢a. In addition, the
higher operating pressure of a HFC-227ea system reduces
the significance of the flow resistance (pressure drop) in the
system when compared with HFC-236ea. For the same
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frictional pressure drop, the performance drops more for
HFC-236ea than for HFC-227ea.

Avpartial cutaway of the preferred embodiment of a single
stage direct drive magnetic bearing centrifugal refrigeration
compressor for low cooling capacity centrifugal chillers,
which uses as its refrigerant HFC-227ea is shown in FIGS.
3 through 3f. The apparatus comprises three main sections,
an inlet guide vane section, a compressor section, and a
magnetic bearing AC induction motor section. Various atten-
dant views are shown as lettered additions to FIG. 3. The
apparatus is controlled by a compressor control system, the
operation of which is shown schematically in FIG. 4.

Inlet Guide Vane Section
Inlet Guide Vane Assembly

The low temperature refrigerant vapor formed in the
evaporator first passes through the inlet guide vane assembly
shown in greater detail in FIG. 3a. A plurality of guide vanes
1 are surrounded by a guide vane housing 2 through which
the guide vane stems protrude. The guide vanes 1 have an
aerodynamic airfoil shape with a slight twist from the root
of the blade to the tip. The twist compensates for the slightly
increased mean velocity of a fully developed inlet vapor
flow expected at the center of the guide vane housing 2 to
maintain the angle of attack of the incoming refrigerant
vapor constant along some length of the vane leading edge.
Both the guide vane leading and trailing edges have a
smooth rounded profile to reduce separation losses at the
inlet to the compressor.

The refrigerant vapor enters the casing from the left as
seen in FIG. 3@ and flows through the guide vane housing 2
into the compressor section to which the guide vane assem-
bly is attached. The refrigerant vapor is sealed within the
guide vane housing by O-ring seals 3 along each guide vane
stem. When in the fully open position, as depicted in FIG.
3a, the refrigerant vapor flow rate is at a maximum through
the apparatus. When in the fully closed position, the refrig-
erant vapor flow rate is at a minimum. However, the guide
vanes 1 do not extend to the center of the guide vane housing
and therefore do not completely block the refrigerant vapor
flow when in the fully closed position.

A beveled pinion gear 4 is mounted to each guide vane
stem exterior to the guide vane housing. The pinion gear is
operatively arranged and indexed so that in the fully open
position, when the set of guide vanes 1 are parallel to the
flow, the index marks of the set of pinion gears are aligned.
The pinion gear engages a single beveled rack drive gear 5
which engages all other pinion gears in the set. The rack
drive gear 5 rotates around the guide vane housing 2 causing
the guide vanes to open or close depending on the direction
of rotation. Stops secured to the guide vane housing prevent
rotation of the vanes beyond the fully open, 0°, or fully
closed, 90°, position. The base of the rack drive gear slips
smoothly along a plurality of gear pads 6 positioned around
and secured to the guide vane housing.

Vane Actuator Assembly

The position of the inlet guide vanes is controlled by the
vane actuator assembly which comprises a commercially
available high torque gear motor 7. The shaft of the gear
motor 7 is secured to one of the guide vane stems such that
the axis of the shaft and the axis of the guide vane stem are
coaxial. The vane actuator housing 9 which contains the gear
motor 7 and the other components of the vane actuator
assembly is secured to one end of the vane actuator housing
bracket 10, the other end of which is fastened to the guide
vane housing 2 to provide a firm base for the vane actuator
assembly.

Inside the vane actuator housing 9 a vane actuator circuit
board 11, the design concepts of which are familiar to
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someone skilled in the art of electronics, converts one of a
plurality of incoming guide vane position signals 12 into an
electrical signal which controls the angular position of the
gear motor. A potentiometer 13 secured to the non-drive end
of the gear motor shaft provides an outgoing guide vane
position signal as feedback to the chiller system controller.
The purpose of the guide vane assembly and the attached
vane actuator assembly is to adjust the flow of refrigerant
into the compressor section for the purposes of modulating
the cooling capacity of the chiller, as described previously.
Compressor Section

Impeller

After passing through the inlet guide vane section, refrig-
erant vapor enters the impeller 24 through the inlet port in
the impeller housing 25 shown in more detail in FIGS. 3b
and 3c. The inlet guide vane housing 2 is fastened firmly to
the impeller housing 25 with cap screws, thereby compress-
ing an O-ring seal 26 which prevents escape of refrigerant
vapor through the interface between the components.

When the impeller rotates, the refrigerant vapor flows into
ducts formed by the impeller hub surface, any two adjacent
impeller blades 27 disposed circumferentially around the
impeller hub, and the stationary impeller housing 25. The
rotation of the impeller 24 imparts kinetic energy to the
refrigerant vapor which increases both its velocity and static
pressure.

Within each duct, shorter blade sections, known as splitter
blades 28 form smaller passages through which the refrig-
erant vapor flows. Splitter blades ensure a reasonable static
pressure load on each blade surface and reduce the potential
for secondary flow, i.e., flow perpendicular to the axis of the
passage. Mechanically, the impeller 24 is mounted to the
compressor shaft 40. A round shaft key 29 prevents relative
rotation between the impeller and the shaft 40 due to
differences in the coefficient of thermal expansion between
the materials. The impeller contains tapped holes on both the
front and rear surfaces of the impeller hub for socket screw
trim balance weights 30.

A feature of the unshrouded impeller of the present
invention is its smaller size and consequently smaller mass
relative to impellers of conventional design. The smaller size
reduces the axial loads caused by unbalanced gas pressure
and the radial loads caused by motion of the impeller center
of mass about the bearing axis which are approximately
proportional to the second and the third power of the
impeller diameter respectively. The reduced loading allows
bearings of smaller rated load size.

To prevent shock waves from occurring at the discharge,
the impeller according to the present invention has a large
reaction factor to maximize the static pressure rise from
inducer to discharge. That is, the blades have a backsweep
angle larger than 45 degrees (from the radial direction) at the
trailing edge in order to enhance the diffusion within the
impeller, yielding a greater static pressure and reduced
refrigerant velocity at the discharge. The diffusion ratio,
wl/w2,is at least 1.7. The diffusion ratio, a term well known
to one skilled in the centrifugal compressor and related arts,
defines the degree to which the vapor is expanded from the
inlet conditions to the outlet conditions, as it travels from the
small area inlet to the larger area outlet. The blade angle at
the leading edge on the shroud side is greater than 25
degrees from the tangential direction. The relative Mach
number is below 1.0 throughout the impeller at the design
operating condition. Rounded blade leading edges show less
blockage to the flow.

The refrigerant vapor is discharged through an outlet port
in the impeller housing with significant velocity into the
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diffuser, a passage whose upper surface comprises the
impeller housing 25 and whose lower surface comprises the
diffuser housing 50. In the diffuser, the refrigerant vapor
decelerates due to an increase in the cross-sectional flow
area which accompanies the increase in radius of the con-
stant thickness diffuser. The deceleration of the flow results
in the conversion of the vapor’s kinetic energy into addi-
tional static pressure rise. A plurality of cambered diffuser
vanes 50a are arranged circumferentially around the periph-
ery of the impeller in the diffuser housing 50. The diffuser
vanes are disposed so that wide channels are formed without
severe incident losses and separation. Each channel has a
centerline which is tangential to the vapor flow from the
impeller discharge and which forms a small angle to the
centerline of the collector. The small diffuser discharge
angle reduces the vapor mixing losses when entering the
collector. While vaned diffusers typically have a narrow
efficient operating range, the configuration of the present
invention contains a vaneless space, i.e., the distance
between the impeller periphery and the leading edge circle
of the diffuser vanes 50b, between 6—-12% of the impeller
diameter which minimizes this effect.

Upon exiting the diffuser, the vapor enters the collector, a
curved passage of steadily increasing area which leads to the
outlet port. The vapor is discharged from the diffuser with a
much lower velocity into the collector. The collector chan-
nels the fluid from the diffuser to the compressor outlet.
Further deceleration of the flow due to the gradual expansion
of the collector area results in additional static pressure rise.
Impeller Housing

Mechanically, the impeller housing 25 contains both the
inlet and outlet ports for the refrigerant compressor. The
impeller housing bore 254 has a profile shape which closely
matches that of the impeller to provide close tolerances for
maximum impeller pressure rise. The clearance between the
rotating impeller and the stationary housing is made as small
as practicable to minimize the leakage of vapor out of the
passage. The tolerance dimension is controlled by the clear-
ance available within the auxiliary “touchdown” bearings
described below. The impeller housing forms a portion of
the upper diffuser wall 25b at the end of the bore section. The
impeller housing also contains a spiral-shaped collector
groove 25¢ of steadily increasing diameter that, when mated
with a similar groove on the diffuser housing, forms the
collector for the compressor. The discharge duct starts at the
end of the collector groove. The refrigerant exit passage 25d
is angled away to a sufficient degree from the interface
between the impeller housing and diffuser housing so that
the exit passage penetrates the lateral surface of impeller
housing midway from the inlet to the interface.

Diffuser Housing

The diffuser housing 50 is secured to the drive end radial
bearing section 60 shown in FIGS. 3d and 3e. Holes tapped
into the rear of the plate contain steel thread inserts to
improve clamping force between the components. Circum-
ferential V-shaped grooves (unnumbered) line the diffuser
bore 50c through which the compressor shaft 40 protrudes.
The grooves reduce the flow of refrigerant vapor into the
motor cavity due to natural pressure differences within the
system. An O-ring seal 50d contained in a groove machined
in the motor housing forms a tight seal to prevent refrigerant
vapor from escaping. The diffuser section contains the
already described diffuser vanes along with the collector
groove 50e. A precision rabbet fit on the rear face of the
diffuser plate ensures precise alignment and concentricity of
the diffuser plate to the drive end radial bearing section.
Twelve clearance holes are provided for bolting the diffuser
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plate to the impeller housing using studs with flange face
nuts to evenly distribute the clamping force. The front of the
diffuser plate contains an O-ring groove for sealing the
diffuser plate to the impeller housing.

AC Induction Motor Section

Motor

The compressor shaft is directly driven by a high speed
induction motor 45 (FIG. 3f) consisting of a motor stator 45a
mounted within the motor housing 70 and a motor rotor 45b
secured to the compressor shaft 40. The motor 45 is con-
figured to operate on either a 230 V or 460 V power supply,
and for constant power operation over a range of speeds
from 16,000 rpm to 30,000 rpm. Motor efficiency exceeds
92% over the constant power operating range. The squirrel
cage motor rotor 45b is mounted with a shrink fit onto the
compressor shaft 40. The motor windings are mounted
within the motor housing 70 and secured axially with a
retaining ring.

To dissipate heat generated by ohmic resistance losses in
the motor stator, frictional heating of the refrigerant vapor in
the air gap 45¢ and eddy current losses in the motor rotor 45b
an evaporative refrigerant cooling system is provided as an
effective method for high heat flux motor cooling. A plural-
ity of cooling passages 72 are formed as grooves arranged
circumferentially around the axis of the motor housing 70.
Refrigerant vapor flows through the cooling passages 72 to
remove heat generated by the aforementioned sources. The
grooves permit heat to be taken away directly from where it
is generated, thereby effectively decreasing the motor opera-
tion temperature and increasing the motor efficiency.
Variable Speed Drive

The speed of the induction motor 45 is controlled by a
commercially available adjustable frequency drive 201
shown schematically in FIG. 4. Three-phase power supplied
to the adjustable frequency drive 201 allows variation of the
motor speed from 18,000 to 30,000 rpm in the usable
operating range. The adjustable frequency drive 201 is
capable of 0-500 Hz operation with continuous frequency
variation. It has PID control capabilities to maintain motor
speed under varying load conditions. The feedback signal
for the PID control is provided by a single pulse per
revolution proximity sensor mounted inside the motor 45.
The sensor generates a pulse on encountering the passage of
a notch machined into the rotor 45b. The drive 201 provides
capability for serial communication or interface with a PC
using the RS-485 protocol. Through the serial interface,
drive operation parameters such as line voltage, line current,
and real power consumption can be read. In addition, the
drive 201 provides capabilities for both digital and analog
signal inputs and outputs through which its operation can be
controlled remotely.

Radial Magnetic Bearings

Supporting the rotor structure in the vertical direction by
electromagnetic force rather than by mechanical contact are
two commercially available radial magnetic bearings 614,
61b located one each on either side of the induction motor
rotor 40. Each bearing is composed of a rotor 615 and stator
61a component. The stator consists of a stack of laminated
ferromagnetic plates slotted on the internal diameter. The
slots are arranged in pairs around the circumference with
each pair centered on one of two axes rotated 45 degrees
from the vertical direction. Additional slots are centered on
the vertical and horizontal axes of the machine. Coils wound
in each pair of slots and connected in series form electro-
magnetic poles in each of the four quadrants of the bearing.
The rotor consists of a stack of laminated ferromagnetic
plates mounted in a sleeve with a tapered bore that is
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shrink-fitted onto the compressor rotor. When electrical
current flows through the stator coils, a magnetic flux circuit
is formed and crosses the gap between the stator 61a and
rotor 61b. The magnetic flux produces an attraction force
which moves the rotor and supports the compressor rotor 40.
Axial Magnetic Bearing

Supporting the rotor structure in the horizontal direction
by electromagnetic force rather than by mechanical contact
is an axial magnetic bearing composed of two stator sections
64 located one each on either side of the large diameter
section of the compressor rotor 40. The stator component 64
consists of laminated ferromagnetic plates sandwiched
between triangular wedges arranged radially on a steel disk.
Circumferential grooves machined on the face of the bearing
accommodate electrical windings. When electrical current
flows through the stator coils, a magnetic flux circuit is
formed and crosses the gap between the stator and the axial
face of the large diameter compressor rotor section. The
resultant force causes motion of the compressor rotor in the
axial direction. The two stator components 64 which com-
prise the bearing face in opposite directions prevent move-
ment of the compressor rotor into or out of the compressor.
Sensors

Radial position sensors determine the precise radial posi-
tion of the rotating structure relative to the stationary com-
pressor housing. The sensors for each radial bearing are
located near the bearing on the side opposite the induction
motor. The position sensor consists of two components,
namely an inductive pickup 62a and a ferromagnetic rotor
62b. The rotor 62b is composed of a pressed stack of
laminated plates equal in length to the diameter of the
inductive pickup 62a. Each bearing requires two inductive
pickups, one per bearing axis mounted at 45 degrees from
vertical. The pickup senses the change in the thickness of the
gap between the pickup 62a and the ferromagnetic rotor 62b.
When the rotor 40b is centered, the output signal from the
sensor is a minimum.

An axial position sensor 83 determines the precise axial
location of the rotating structure relative to the stationary
compressor housing. The axial sensor 83 is located at the
drive (impeller) end of the centrifugal compressor at a fixed
radius from the machine axis. Like the radial position
sensors, the axial position sensor 83 uses an inductive
pickup to sense changes in the gap thickness between the
pickup and a ferromagnetic target. A change in the gap
thickness indicates a movement of the rotor from the zero
position relative to the stationary compressor housing.

An inductive sensor 81 such as a Hall effect sensor
measures the speed of the rotating structure by picking up a
once-per-revolution pulse in inductance caused by a notch
which has been machined into the circumference of the
rotating structure. A frequency counter measures the fre-
quency of the resulting pulse train and converts the result
into a measurement of rotor speed.

Auxiliary Bearings

Two sets of angular contact ball bearings 65 support the
rotor structure when the magnetic bearings are not powered
(inactive), either when the compressor is not operating or the
electrical power to the compressor is interrupted due to
failure and the like. Each set of bearings 65 consists of two
identical angular contact bearings placed in a configuration
such that the contact angles intersect. One set of bearings is
located at the motor drive end behind the compressor
housing. The outer races of the contact bearings are press fit
into a sleeve and the sleeve is concentrically mounted into
the center of the axial magnetic bearing stator. The inner
races of the angular contact bearings 65 do not contact the
compressor rotor.
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The clearance between the rotor and the inner bearing
races is approximately one half the clearance between the
stator and rotor components of the radial magnetic bearings.
The second set of bearings is located at the non-drive end of
the motor. The outer races of the contact bearings 65 are
press fit into the hollow end of the compressor rotor. The
inner races of the contact bearings ride above the stationary
stub shaft concentrically mounted into the center of the axial
magnetic bearing stator. The clearance between the inner
bearing races and the stub shaft is approximately one half the
clearance between the stator and rotor components of the
radial magnetic bearings.

Motor Housing

The stationary components of the compressor are con-
tained within the motor housing comprised of three housing
sections, namely a drive end radial bearing housing 60 (FIG.
3d), a main motor housing 70 (FIG. 3f) and a non-drive end
bearing housing 80 (FIG. 3¢) and the end cap 90. Electrical
power wiring to the induction motor 45 is passed through
hermetic terminals 93 enclosed in a conduit box 91. Elec-
trical power wiring to the magnetic bearing and signal
wiring to the position and speed sensing elements are passed
through hermetic electrical connectors 94 mounted on the
end cap 4. Separate connectors are used for the power and
the signal wiring to prevent the high voltage electrical power
from interfering with the low voltage signal wiring.
Liquid Motor Cooling

The top surface of the motor housing contains a machined
inlet port with a fitting 41a (FIG. 3d) for condensed refrig-
erant vapor to provide cooling to the motor cavity. The
condensed liquid refrigerant is partially expanded to the
intermediate cavity pressure through a valve upstream of the
inlet port. The expansion process flashes a portion of the
liquid refrigerant to vapor, cooling the remaining liquid/
vapor mixture to a lower temperature. The low temperature
liquid/vapor mixture flows through cooling passages 72 cast
into the motor housing. The passages channel or flow the
two-phase mixture to appropriate locations where it evapo-
ratively cools the induction motor 45 and magnetic bearings
61a, 61b. Additional passages cast into the lower surface of
the motor housing collect the warm vapor and channel it to
the outlet port with fittings 415 (FIG. 3f). The two-phase
mixture is further expanded to the evaporator pressure
through a valve downstream of the outlet port. The inter-
mediate cavity pressure is maintained slightly below the
static pressure at the impeller exit to minimize leakage of
refrigerant vapor around the impeller to the motor cavity.
Pedestal Mounts

Two steel foot mounts 92 (FIG. 3d) bolted to the exterior
of the motor housing 60 provide a solid level base for
supporting the weight of the centrifugal compressor. Cap
screws 95 secure the end cap to the non-drive end bearing
housing 80 (FIG. 3g), compressing an O-ring contained in a
circumferential machined groove in the end cap 90, between
the cap 90 and the motor housing 80. The O-ring seal
prevents the escape of refrigerant vapor through the inter-
face between the parts.

Magnetic Bearing Controller

A magnetic bearing controller, 202, actuates the magnetic
bearings 61a, 64 to maintain the compressor shaft 40 in a
stable centered position, both radially and axially, within the
housings 60, 70, and 80. The position feedback signal 204
from each position sensor is proportional to that component
of the distance of the rotor geometric center from the stator
geometric center that lies along the axis of the sensor. When
the rotor 40 is centered within the stator, the position
feedback signal is zero. The magnetic bearing controller,
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using a digital signal processor, determines the required
bearing currents. These currents are fed to the bearing
individually through the magnetic bearing electrical power
lines 203. Each bearing axis is controlled by its own set of
filters, processors, and amplifiers within the magnetic bear-
ing controller.

Compressor System Controller

The compressor operation is controlled by the chiller
system controller 205 which consists of an industrial PC
computer, containing a multifunction input/output data
acquisition and control (DAQ) board. The compressor sys-
tem controller runs an algorithm, identified below, that
processes input sensor data and sends control signals to the
various components of the control system described herein.
Through the bearing controller input and output signals 208,
209 respectively, the chiller system controller 205 commu-
nicates with the magnetic bearing controller. Through these
lines, the chiller system controller gives the commands to
start and stop the magnetic bearings, monitors the operating
status of the bearings, reads any alarm or warning
conditions, and accesses diagnostic and other special func-
tions.

Through the adjustable frequency drive input and output
signals 210, 211 respectively,t eh chiller system controller
gives the commands to the adjustable frequency drive.
Through these signal lines the chiller system controller gives
the command to stop and start the compressor motor, moni-
tors operating data, such as line voltage, line current, and
real power consumption, reads any alarm and/or warning
conditions, and accesses other control functions. The adjust-
able frequency drive input signal 210 provides the commu-
nication from the chiller system control of the desired
compressor operating speed to the adjustable frequency
drive which uses its internal controller and PID algorithm to
control compressor speed by changing the frequency and/or
voltage of the compressor power lines 214. The adjustable
frequency drive is powered by standard 60 Hz line power
215.

The magnetic bearing controller 202 and the adjustable
frequency drive 201 are connected by incoming and outgo-
ing signal lines 212, 213 respectively. Through these lines,
alarm and/or warning conditions are communicated
instantly whenever they occur to the other component,
allowing the controller of the other component to take the
appropriate action.

The chiller system controller actuates the inlet guide
vanes through the guide vane position and feedback signals
206, 207 respectively. The position of the guide vanes, the
speed of the compressors, and the operation of the magnetic
bearings are coordinated by a computer algorithm which
responds to input data from a variety of sensor signals 216
that monitor conditions within the chiller.

The algorithm, written in National Instruments LabView
4.0 programming language, provides all monitoring, control,
and communications functions. It has a graphical user inter-
face which allows the user to monitor operating data when
the compressor is running. Its algorithm acquires the oper-
ating data, checks for alarms and warnings, calculates the
compressor cooling capacity, determines the parameters for
position of the inlet guide vanes to match measured capacity
with desired capacity, and updates the operating history log.
The program provides PID control of the compressor opera-
tion.

Although the invention has been described and illustrated
in detail, it is to be clearly understood that the same is by
way of illustration and example, and is not to be taken by
way of limitation. The spirit and scope of the present
invention are to be limited only by the terms of the appended
claims.
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What is claimed is:

1. A method of making a vapor compression refrigeration
system, comprising the steps of:

providing a magnetic bearing centrifugal compressor, and

employing a refrigerant selected from a group of refrig-

erants for reducing specific enthalpy rise across the
COMPIressor.

2. The refrigerant according to claim 1, wherein the
refrigerant is selected for water chiller application.

3. The refrigerant according to claim 1, wherein the
refrigerant is further selected to provide compression in a
single stage for low cooling capacity applications.

4. A vapor compression refrigeration system, comprising
a condenser, an evaporator, an expansion device between an
outlet of the condenser and an inlet of the evaporator, a
centrifugal compressor supported by magnetic bearings
arranged between an outlet of the evaporator and an inlet of
the condenser, and a refrigerant selected from a group of
refrigerants to reduce specific enthalpy rise of the refrigerant
passing through the centrifugal compressor.

5. The system according to claim 4, wherein the magnetic
bearings are at least one of sets of radial and axial magnetic
bearings.

6. The system according to claim 5, wherein a motor is
operatively associated with an impeller of the compressor,
and the impeller is configured so as to operate under an
acceptable temperature lift condition for the refrigeration
system.

7. The system according to claim 6, wherein the motor is
an induction motor.

8. The system according to claim 6, wherein a common
shaft provides the operative association between the impel-
ler and the motor, and adjustable drive is provided to control
efficiency of the system.

9. The system according to claim 6, wherein means is
provided for actively monitoring and continuously and
simultaneously adjusting the magnetic bearings, axial clear-
ance between the impeller and an impeller shroud, speed of
the motor and position of inlet guide vanes of the compres-
sor to maximize system efficiency.

10. The system according to claim 9, wherein said means
comprises a variable speed feedback control to vary the
speed of the motor.

11. The system according to claim 9, wherein said means
is a variable frequency inverter drive.

12. The system according to claim 4, wherein the radial
bearings are arranged with the motor therebetween.

13. The system according to claim 4, wherein auxiliary
bearings are associated with rotating portions of the com-
pressor so as to be operative during an inactive state of the
magnetic bearings.

14. The system according to claim 4, wherein a single
stage impeller is cantilevered from a shaft supported by the
magnetic bearings.

15. The system according to claim 14, wherein the shaft
is a common shaft between the impeller and the motor.

16. The system according to claim 6, wherein the motor
is a 2-pole, 3-phase induction motor.

17. The system according to claim 6, wherein the impeller
has an equal number of splitter and full-length blades.

18. The system according to claim 13, wherein the aux-
iliary bearings comprise sets of angular contact ball bear-
ings.

19. The system according to claim 6, wherein stator poles
of the motor are configured to throttle the refrigerant there-
through for evaporative cooling of the motor and associated
bearings.
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20. The system according to claim 19, wherein the motor
has a housing with a cooling inlet port for introduction of the
refrigerant to the stator poles.

21. The system according to claim 20, wherein the cooling
inlet port provides a pressure drop so that the evaporative
cooling occurs at a pressure between compressor suction and
discharge pressures.

22. A vapor compression system, comprising:

a single stage compressor; and

a refrigerant selected from a group of refrigerants to
reduce specific enthalpy rise of the refrigerant passing
through the system.

23. A method of selecting a refrigerant for use in a vapor

compression refrigeration system having a centrifugal
compressor, comprising the step of:

choosing a refrigerant from a group of refrigerants to
reduce specific enthalpy rise across the compressor.

24. The method according to claim 23, wherein the
refrigerant selected is a single component working fluid.

25. The method according to claim 24, wherein the
centrifugal compressor is a single stage compressor having
radial and axial magnetic bearings.

26. A method of using a vapor compression refrigeration
system having a centrifugal compressor, comprising the
steps of:

operating magnetic bearings to reduce frictional losses;
and

passing a refrigerant selected from a group of refrigerants
to reduce specific enthalpy rise across the compressor.
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27. In a vapor compression refrigeration system having a
single stage compressor, the improvement comprising:

a centrifugal compressor having at least one of sets of
radial and axial magnetic bearings operable to reduce
frictional losses; and

a refrigerant selected from a group of refrigerants to
reduce specific enthalpy rise of the refrigerant passing
through the compressor.

28. The system according to claim 27, wherein an impel-
ler is coupled to the at least one of sets of radial and
magnetic bearings in one of an overhung and cantilevered
configuration, and two magnetic bearings and a minimum of
one thrust bearing is configured to support the refrigeration
system.

29. The system according to claim 28, wherein a distance
between a periphery of the impeller and a leading edge circle
of diffuser vanes is between about 6 to 12% of impeller
diameter, which distance is selected to be at a minimum
value and controlling fluctuations in shearing forces.

30. The single stage centrifugal compressor to claim 28,
wherein a blade angle at a leading edge of blades of the
impeller on a shroud side is greater than 25° from a
tangential direction thereof.

31. The single stage centrifugal compressor to claim 28,
wherein means is provided for actively monitoring and
controlling the magnetic bearings, speed of the motor and
position of inlet guide vanes of the compressor to maximize
compressor efficiency.
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